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Abstract 
A 1.5 ton window air conditioner was extensively instrumented and tested over a wide 
range of wet- and dry-coil operating conditions. The results were used to improve a steady-state 
simulation model. Published air- and refrigerant-side heat transfer correlations were found to 
characterize wavy-fin evaporator and louvered-fin condenser performance quite well. Condensate 
removal was predicted reasonably well, and 55% of its latent heat was recovered by spraying onto 
the condenser. Evaporator and condenser face velocity nonuniformities found to range over a 
factor of three. A second set of tests conducted in a wind tunnel, using an identical evaporator, 
showed that the heat transfer and air-side pressure drop penalties due to these nonuniformities were 
quite small. 
VI 

Chapter 1 
Introduction 
A simulation model for room air conditioners (RACMOD) has been developed by Mullen 
and Bullard (1994) at the Air Conditioning and Refrigeration Center (ACRC) to allow 
manufacturers to easily simulate various configurations for proposed air conditioner designs. 
1.1 Model Information and Background 
The simulation model uses the ACRC solver, which is a Newton Raphson method, to 
solve 190 simultaneous equations for the entire system. The model is quite complete now, 
including pressure drop and heat transfer correlations developed at the ACRC, charge inventory 
equations, and a fmite difference capillary tube model. The system model can be easily broken up 
into component models, the accuracy of which can be evaluated using data taken from the room air 
conditioner test facility. Bridges and Bullard (1995) validated the model as far as possible using 
air side thermocouple data and power measurements. The addition of refrigerant side 
instrumentation by Jensen and Dunn (1996) has allowed a much more extensive characterization of 
the air conditioner's operating conditions, by providing accurate temperature measurements close 
to the compressor, and exact pressure measurements for both of the heat exchangers. This new 
infonnation has allowed greater modeling accuracy to be achieved for compressor and refrigerant 
line heat transfer, as well as allowing final selection of the most appropriate air side heat transfer 
coefficient correlation for wavy and louvered fins. 
1.2 Nonuniform Airflow 
One key question that needed to be answered was what effect (if any) air flow 
nonunifonnity had on heat transfer and moisture removal rates. Because air velocity can vary by a 
factor of 3 across the face area of a heat exchanger in a typical room air conditioner" the 
idealization of unifonn flow could be a source of inaccuracy. Moisture removal is a particularly 
troublesome issue, because in low velocity regions, water might bridge the fins, and obstruct the 
air. 
In order to answer these questions, an evaporator identical to the one in the room air 
conditioner tested was tested in a wind tunnel. Initially, the evaporator was tested at conditions 
that corresponded to those measured in the air conditioner, but with uniform air flow. These same 
conditions were then repeated, but this time with an obstruction placed into the flow, which caused 
a large disturbance in the airflow over the evaporator. 
1.3 Scope of this Report 
Chapter 2 briefly outlines the test facilities used to acquire the data analyzed in this report. 
It describes the room air conditioner test facility, along with the refrigerant side instrumentation 
which has been installed in the room air conditioner. It also describes the wind tunnel test loop 
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which tested an evaporator identical to that in the room air conditioner. Then Chapter 3 describes 
and compares tests conducted on the evaporator in the air conditioner, and then in the wind tunnel. 
Both wet-coil and dry-coil results are presented, along with the effects of unifonn vs. nonunifonn 
air flow on heat transfer, moisture removal, and pressure drop due to a blockage similar to that 
caused by fans in a typical air conditioner. Chapter 4 compares data taken from the room air 
conditioner to model predictions for condenser perfonnance, using the best available air side heat 
transfer coefficient for louvered fins available. It also covers modeling heat transfer loss from the 
compressor and refrigerant lines using refrigerant side measurements. 
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Chapter 2 
Experimental Facilities 
2.1 Room Air Conditioner Facility 
A 1.5 ton Whirlpool room air conditioner (Model # 106.9721851), extensively 
instrumented on the refrigerant side, was installed into a two room environmental chamber. The 
indoor chamber had temperature controlled by a PID controller which was connected to an electric 
furnace. Room temperature was sensed by two RIDs, which also measured. humidity. Humidity 
for the indoor chamber was controlled by another PID controller, which controlled a humidifier. 
Water removal rate through the air conditioner was measured. from the change in weight of the 
humidifier, which was mounted on a load cell. The outdoor room conditions were measured. by 
another two RIDs. Outdoor room temperature was set by a PID controller which varied the flow 
rate of ethylene glycol through the fan coil which exhausted heat from the outdoor chamber. Eight 
air side thermocouples were mounted on the evaporator inlet, and 3 thermocouples mounted on the 
evaporator exit. A grid of 9 thermocouples measured. exit air temperature from the condenser. 
3 20 2i 1 
4 
Compressor 
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Figure 1.1 Schematic of room air conditioner model showing state points 
Figure 1.1 identifies the refrigerant state points and defmes the zones between them. 
Immersion thermocouples were installed at the compressor exit (state point 0), the condenser exit 
(state point 3), at the second return bend along the evaporator (just past state point 7i), the 
evaporator exit (state point 9), and between the accumulator and compressor (state point 10). For 
most of these measurements, an accuracy improvement of approximately 2°F was realized, 
compared to the surface thermocouples used by Bridges and Bullard (1995). However, surface 
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thennocouples at the compressor inlet had a much larger error of 12°F, and the compressor exit had 
an error of approximately 4°F, due to conduction from the compressor shell. 
Absolute pressure transducers were placed into the system at the condenser inlet (state 
points 1) and the evaporator exit (state point 9). Differential pressure transducers were installed 
across both the evaporator and condenser, allowing full characterization of the pressure drop 
through the heat exchangers where previously one surface temperature measurement in the two 
phase area could only provide a single pressure. Two venturi mass flow meters are installed in the 
system, one in the liquid line, and one in the suction line, providing accurate refrigerant mass flow 
measurements. For a more detailed analysis of refrigerant side instrumentation, see Jensen and 
Dunn (1996). 
2.2 Wind Tunnel Test Facility 
An evaporator identical to that in the 1.5 ton Whirlpool air conditioner was placed into a 
wind tunnel test facility to examine the effects of airflow nonunifonnities on heat transfer. Air inlet 
temperature to the evaporator was measured using a grid of 9 thermocouples, and controlled using 
a PID controller connected to heaters upstream of the evaporator. Air temperature was also 
measured downstream of the evaporator with a grid of nine thennocouples. There was a 2°F 
variation in temperatures measured by the inlet thermocouple grid at the inlet to the evaporator, and 
a much large~ gOF variation in the outlet air temperature measurement Fortunately, downstream air 
temperature was not needed for any of the analysis, as total heat transfer could be computed from 
the refrigerant measurements because the exit of the evaporator was always single phase. Inlet and 
outlet air dew point temperatures were measured using chilled mirror sensors, with the inlet dew 
point sensor connected to a PID controller which then could control inlet dew point by varying the 
amount of water evaporated in a humidifier upstream. Air mass flow rate was calculated by 
measuring the air temperature (with a three thennocouple grid) and pressure drop (with a 
differential pressure transducer) across a nozzle fixed upstream of the evaporator. Additionally, air 
pressure drop was measured across the evaporator using a differential pressure transducer. 
Refrigerant temperature was measured upstream of the expansion valve and downstream of 
the evaporator using immersion thennocouples, and pressure was measured at the same points 
with absolute pressure transducers. Measurement of the refrigerant mass flow rate was provided 
by a Coriolis mass flow meter placed in the liquid line downstream of the subcooler. Control of 
refrigerant enthalpy entering the evaporator was provided by manual adjustment of the subcooler, 
while refrigerant pressure was mainly controlled by the manual settings of the bypass valves 
(although expansion valve position did have a minor feedback effect). Refrigerant mass flow rate 
was set by the expansion valve position. The accuracy for each of these measurements is shown in 
Table 2.1, with different scale (i.e. 0-250 psi., 0-500 psi.) pressure transducers having different 
errors. For more infonnation on wind tunnel measurements and accuracy, see Appendix E. 
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Table 2.1 Accuracy of measurements 
Component 
Air Pressure Transducers 
Refrigerant Mass Flow 
Refrigerant Pressure Transducers 
Thennocouples 
Dew Pomt Sensor 
Coriolis 
Mass Flow 
Meter 
Expansion 
Valve 
Legend 
Evaporator 
o Temperature and 
~ Pressure measurement 
taken here 
Maximum Error 
+/- .025" H2O (0-2.5" transducer) 
+/- .05" H2O (0-5" transducer) 
+/- 0.2% of flow rate 
+/- 0.3 psi (0-250 pSI transducer) 
+/- 0.6 psi (0-500 psi transducer) 
+/- O.4u Fahrenheit 
+/- 0.4° FahrenheIt 
Sight 
Glass 
Filter 
Oil 
Separator 
Figure 2.1 Diagram of refrigerant side of wind tunnel. 
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Chapter 3 
Evaporator Modeling 
3.1 Dry Room Air Conditioner System Modeling 
One of the key factors which had impeded Bridges and Bullards (1995)modeling of the 
evaporator was the lack of refrigerant side data, which made it difficult to know conditions inside 
the evaporator with much accuracy, and thus also made it difficult to judge the accuracy of various 
air side heat transfer coefficient correlations. With the addition of refrigerant side instrumentation 
to the room air conditioner, good data was acquired for each of 29 dry conditions, at 4 different 
indoor temperatw'es of 67° F, 80°F, 95°, and 115° F. At each indoor temperature, tests were 
conducted for three different outdoor temperatures, and data was taken for both high and low fan 
speeds at these conditions. 
20000 
8000 
8000 
x 
10000 12000 14000 16000 18000 20000 
Qevap measured [Btu/hr] 
Figure 3.1 Accuracy of predicted heat transfer for dry evaporator 
When initially compared to the system data, our evaporator component model was 
overpredicting heat transfer to the evaporator by a fairly significant fraction, having a bias of nearly 
650 Btu/hr, consistently exceeding the refrigerant-side and room calorimetry measurements by 3% 
of the total evaporator capacity.. Heat transfer coefficient correlations by Webb (1986) and Xiao 
and Tao (1983) were examined, and each correlation was found to overpredict by this 3%. The 
correlations' predictions are shown in Figure 3.1. Both correlations had approximately the same 
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bias error, but the Xiao and Tao correlation had a much smaller 95% confidence interval of 600 
Btu/hr compared with a 900 Btu/hr 95% confidence interval for the Webb correlation. Further 
discussion of heat transfer coefficient selection is given in Appendix A. It was then found (see 
Appendix B) that the use of manufacturer-specified air volumetric flow rates exceeded the actual 
amout of air moving through the evaporator. New airflow rates were then estimated, based on 
indoor room calorimetry and air side temperature measurements upstream and downstream of the 
evaporator coil, which led to a much better agreement for the dry data, with the data having a bias 
error of only 130 Btu/hr, with a 95% confidence interval of 650 Btu/hr, which is only a total error 
of 4% of the nominal heat transfer. Model predictions using the Xiao and Tao correlation are 
shown compared to data in Figure 3.2. 
20000 
18000 
14000 
12000 
10000 
8000 
8000 10000 12000 14000 16000 18000 20000 
Qevap measured [Btu/hr] 
Figure 3.2 R22 dry evaporator predictions 
3.2 Dry-coil Wind Tunnel Evaporator Experiments 
3.2.1 Modeling of dty evaporator in wind tunnel 
Another question that needed to be answered was whether or not air flow nonuniformities 
have a significant effect on heat transfer. This is important because in a real system, airflow 
through a heat exchanger is highly nonuniform, because of the presence of a squirrel cage blower 
close behind the heat exchanger. Airflow was measured while the air conditioner was running 
using a hand held turbine flowmeter, revealing the large scale nonuniformities shown in Figure 
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3.2. Since air flow velocity varies by a factor of 3 across the face of the evaporator, modeling the 
heat exchanger as having uniform velocity throughout might introduce a significant error. 
Top 
Bottom 
Figure 3.2 Nonuniformity of evaporator airflow 
Velocities 
in feet/min 
B400-450 
.350-400 
111300-350 
El250-300 
11200-250 
£1150-200 
.100-150 
1150-100 
[J 0-50 
Baseline data was flI'St taken in a wind tunnel with a uniform air flow pattern over an exact 
duplicate of the evaporator used in the room air conditioner. This data was taken over a much 
wider range of air flows than the air conditioner (which only varies volumetric flow from 460 cfm 
to 560 cfm) is able to achieve. Air flows ranging from 360 cfm to 1300 cfm were achieved during 
wind tunnel test conditions, permitting validation of the Xiao and Tao correlation which was 
chosen in Appendix A. As is seen from Figure 3.3, the Xiao and Tao correlation is accurate over a 
large regime of flows, and not just for the small variation observed in the air conditioner. The 
Xiao and Tao and Webb correlations both performed nearly identically, having no bias error, and 
95% confidence interval of 1400 Btu/hr. The better agreement of the Xiao and Tao correlation for 
the range of speeds seen in an air conditioner (see Appendix A) was the reason it was chosen over 
the Webb correlation for implementation in the model 
8 
28000 
26000 o Webb correlation 
6. Xiao and Tao correlation 
~24000 
5 22000 
i 
t 20000 18000 
i' 
cJl6000 
~ 
-j:Q 
...... 
i ] 
Q. 
c. 
• 
cJ 
14000 
12000 
120001400016000180002000022000240002600028000 
() measured [Btu/hr] 
"<evap 
Figure 3.3 Accuracy of heat transfer coefficient correlations 
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Figure 3.4 Model prediction for R22 wind tunnel experiments 
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After testing the effects of face velocity, 20 test conditions corresponding to the air 
conditioner test conditions were conducted. The air conditioner test conditions were matched by 
matching inlet air temperature and volumetric flow rate, and inlet refrigerant temperature, pressure, 
and mass flow rate upstream of the expansion valve. For the entire range of data collected, the 
Xiao and Tao air side heat transfer coefficient correlation did a good job in its predictions, having a 
bias error of 400 Btu/hr with a 95% confidence interval of 400 Btu/hr, for a total error of 800 
Btu/hr, or 4% of evaporator capacity. Model predictions are compared with wind tunnel data in 
Figure 3.4. The accuracy of the Xiao and Tao correlation appears to be independent of face 
velocity. 
3.2.2 Nonuniform airflow effects 
To test the effect of nonuniform airflow on heat exchanger performance, a circular disk 
obstruction was placed directly in front of the evaporator face This disk was 3.5 inches in 
diameter, and covered 16% of the evaporator face area. This shape was chosen because it mimics 
closely the flow pattern seen over the condenser (see appendix F), as the hub of the propeller fan 
prevents most flow through the center of the face area. Nine test conditions from the previous data 
set were duplicated, with the same volumetric flow now being forced through 84% of the original 
face area of the evaporator. This experiment with the obstruction placed directly against the face of 
the heat exchanger was designed to be the "most severe" flow disturbance, and if measurable heat 
transfer effects were noticed, the obstruction would slowly be pulled away to quantify the effects 
of diminishing nonuniformity on heat transfer. In actuality, for each of the data points taken, there 
was no effect larger than 2% (which is the approximate accuracy with which the wind tunnel can 
reproduce data points) on heat transfer. This data is shown in Table 3.1. 
Table 3.1 Effects of nonuniformity on heat transfer (Btu/hr) 
Qevap uniform Qevap nonuniform 
15437 15648 
14806 14867 
16539 16750 
15014 15250 
15985 16247 
15554 15765 
18019 17900 
16710 16795 
17542 17298 
The effect of this blockage was then analyzed using the evaporator model, by simply 
reducing the face area of the evaporator, and calculating the reduction in heat transfer shown in 
Figure 3.5. The calculations revealed that the loss occurred because the air side heat transfer 
coefficient (which accounts for a majority of the resistance in the 2 phase region) did not increase 
quickly enough with increasing air velocity to offset completely the effect of the decreasing face 
area of the heat exchanger. However, even at the most extreme condition of 50% of the face area 
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blocked. the model predicted a loss of only 6% of overall heat minsfer capability. For a more 
detailed analysis, see appendix F. For our blockage of 16%, the model predicted a loss of only 
1 % of capacity, which was not expected to be discernible from the experimental results. 
These counterintuitive results can be explained by detailed examination of the simulation 
results. Let us assume for the sake of discussion that the evaporator has a face area of 100 ft2. 
The enhanced heat transfer coefficient reduced the total two phase area (where the air side 
resistance is the dominating factor) from 77 ft2 to 68 ft2. Unfortunately, the total area of the 
evaporator has been reduced to 84 ft2, making the two phase percentage of evaporator area rise 
from 77% to 80%. This means that the point where superheat transition occurs has effectively 
moved downstream in the heat exchanger, reducing the superheated area of the evaporator from 23 
ft2 to 16 ft2. The superheated section of the evaporator does not realize a significant resistance 
reduction because the majority of the resistance is on the refrigerant side. The magnitude of these 
effects is highly dependent on mass flow rates, however. A low mass flow rate raises the 
refrigerant side resistance, and reduces the effect of air side heat transfer coefficient enhancement 
on overall heat transfer. Thus, for low flow rates, the model would predict a greater decrease in 
heat transfer rate. 
6 
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Figure 3.5 Loss of heat transfer due to loss of face area 
The main reason that the 1 % reduction in capacity predicted by the model was not seen in 
the wind tunnel tests is that the face area of the evaporator which was removed for modeling was 
still there in the system for free convection and conduction to areas of the heat exchanger which did 
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have air flowing over them. Because the overall predicted loss in capacity is so small, it could 
quite easily be made up for by these effects. 
3.2.3 Pressure drop due to nonunifonnity 
Because the obstruction increased the velocity of the air flow through the heat exchanger, 
the pressure drop through the open section of the heat exchanger was expected to increase 
proportionally to the square of the 19% velocity increase.. Complicating the issue is the fact that 
the obstruction is placed downstream of the pressure measurements, meaning that the pressure 
drop from the disk will also be included in the measurement. The friction factor through the coil 
was calculated using uniform air flow data (and found to be approximately 0.1), and Co of 1.1 for 
free flow over a disk (potter and Wiggert, 1991 were used for a crude model that calculated an 
area-weighted pressure drop. This model overpredicted by 100% in all cases, however this is not 
unexpected, given that the flow patterns through the evaporator in the wind tunnel do not 
correspond well to such a simple model. 
A parameter estimation led to a Co value for the disk equal to .26 which predicted the 
measured data quite well (see Appendix F for details), shown in Table 3.2. In all cases, more than 
75% of the incremental pressure drop measured came from the presence of the disk. When the 
actual air flow rates over the evaporator were integrated over the face area, the increase in pressure 
drop was found to be only 4.4% (Bridges and Bullard, 1995). The 4.4% increase is a tiny number 
in comparison with the other pressure drops which the evaporator fan has to overcome, indicating 
that airflow nonuniformities do not add significantly to pumping power or decrease fan operation. 
Table 3.2 Pressure differential for disturbed flow using calculated Co 
AI> undisturbed flow (psi) AI> disturbed calculated (psi) AI> disturbed measured (psi) 
0.0031 0.0058 0.0063 
0.0027 0.0047 0.0046 
0.0040 0.0068 0.0058 
0.0024 0.0044 0.0049 
0.0036 0.0067 0.0065 
0.0024 0.0043 0.0046 
0.0032 0.0060 0.0062 
0.0022 0.0039 0.0042 
0.0050 0.0095 0.0088 
3.3 Wet-coil System Data and Modeling 
There were 12 wet test conditions for the room air conditioner system for which data was 
collected. Three different relative humidities at indoor temperatures of 80° F and 100°F were 
examined at both high and low fan speeds. Outdoor temperature was held constant at 95° F for 
these tests. Wet coil conditions for the evaporator are modeled with a three zone model (Bridges 
and Bullard, 1995), with the first portion of the 2 phase zone modeled as dry if the rm temperature 
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is above the dew point for the entering air. Then when the dew point is reached by the fin 
temperature, moisture removal begins from the air. 
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Figure 3.6 Measured vs. predicted heat transfer for wet evaporator 
The Xiao and Tao air side heat transfer correlation performed well again in predicting 
overall heat transfer to the evaporator during wet conditions. Figure 3.6 compares modeled heat 
transfer predictions to measured system performance. The model has a bias error of approximate 
300 Btu/hr and a 95% confidence interval of 300 Btu/hr, for a total error of 600 Btu/hr, or 3% of 
the nominal capacity of the evaporator. Figure 3.7 shows that water removal rate is not predicted 
as well, having a total error of 1.5 lbm/hr, or 25% of the average water removal rate for these 
points. This is not unexpected, due to the way the model accounts for fin efficiency. Because of 
the strong dependence of moisture removal rate on fin surface temperature, the choice to model the 
fin surface efficiency (which is calculated for each case, with a typical value of 92% used for 
discussion) as that of an 8% reduction in fin area (all at the base temperature) can give a misleading 
interpretation of predicted moisture removal. Instead, the 92% efficiency should be applied to the 
temperature differential between the fin base and the air, and applied to 100% of the area. This 
increase in fin surface temperature corresponds to a decrease in the predicted water removal rate. 
This interpretation actually biased the predictions about. 7 lbmlhr below the measured removal rate, 
perhaps due to the use of a dry coil rm efficiency value. If there is simultaneously some 
enhancement of the fin under wet coil conditions, the bias in our predictions could be completely 
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eliminated. More accurate predictions of latent capacity would therefore require a more detailed 
model that included such effects. 
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Figure 3.7 Predicted vs. actual water removal rate for wet evaporator 
3.4 Wet Wind Tunnel Evaporator Modeling 
A set of 9 wet conditions which corresponded to air conditioner data test conditions were 
examined in the wind tunnel. Inlet and outlet dew points were measured using chilled mirrors, and 
the desired inlet dew point was set by a PID controller connected to a humidifier. 
3.4.1 Modelin~ of wet evaporator in wind tunnel 
The test conditions from the wind tunnel data were again mOOeled, and again model did a 
good job in predicting overall heat transfer. There was a bit more bias for the wind tunnel 
conditions than the air conditioner, with the model having a bias error of 650 Btu/hr. The 95% 
confidence interval was 200 Btu/hr, yielding a total error of 850 Btu/hr. The model again 
overpredicted water removal rate, having a .7 lbm/hr bias error, with a 95% confidence interval of 
.8 lbm/hr, for a total error of 1.5 lbm/hr. Total heat transfer predictions are shown in Figure 3.8, 
while water removal rate predictions are shown in Figure 3.9. Similarly to the room air 
conditioner data, the mooers water removal rate overpredictions are attributable to the simplified 
treadment of fin efficiency (explained in Appendix B and section 3.3). The bias error observed in 
the data will partially be removed when the moisture removal rate is corrected. 
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Figure 3.8 Model prediction for wet wind tunnel experiments 
7 
~ 
@. 6 
i 
... • 
ca 5 ~ ~ • • 
~ 4 
~ 
'§ 3 • ~ 
2 
2 3 4 5 6 7 
Measured water removal rate [lbm/hr] 
Figure 3.9 Water removal predictions for wet wind tunnel experiments 
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3.4,2 Effect of nonunifonnity on moisture removal 
The effect of nonunifonnity on moisture removal was unknown, so the same 7" diameter 
disk blockage that was used for section 3,2 was also used to examine the nine points which were 
taken with uniform flow. Again there seemed to be no measurable effect on heat transfer, for the 
same reasons given in section 3.2,2, Interestingly, there also seemed to be no noticeable bias 
effect on moisture removal either. Most of the disturbed conditions were within 10% of the 
moisture removal rate measured for the undisturbed condition, as is shown in Table 3.3 along with 
the heat transfer predictions. There seemed to be no systematic dependence of the incremental 
water removal rate on either fan speed, inlet air temperature, or humidity, Because there was no 
noticeable bias in the data, it appears that increasing air velocity by 19% does not significantly 
affect heat transfer or moisture removal. 
Table 3.3 Effect of nonuniformity on heat transfer and moisture removal. 
Airflow Q undist Qdisturbed H2O undist H2O disturbed H2O change 
[cfm] [Btu/hr] [Btu/hr] [lbmlhr] [lbmlhr] [lbmlhr] 
598 16756 16536 2.37 2,07 -0.30 
573 18295 18113 3,17 3,09 -0,08 
571 16655 16721 4,42 4,99 0,57 
539 18494 18358 5,89 5,35 -0,54 
523 17198 17137 5,96 6,62 0.66 
477 15358 15270 2,52 2.32 -0,20 
474 18406 18717 6,2 5,6 -0.60 
473 16999 16837 6,72 6,80 0.08 
465 17707 18098 3,67 3,58 -0,09 
452 16428 16248 5,24 5.33 0.09 
16 
Chapter 4 
Condenser and Compressor Modeling 
4.1 Condenser Modeling 
Selection of the appropriate air side heat transfer coefficient was also impottant in modeling 
the condenser, but a different correlation was used, because the condenser has louvered rms and 
the evaporator has wavy fins. As detailed in Appendix A, the Elmahdy and Biggs (1978) plain fin 
correlation was selected, with a louver enhancement factor from Nakayama and Xu (1983). Dry 
coil predictions for the condenser component model had an overall error of only 350 Btu/hr, or 
about 1.5% of condenser heat transfer as determined from refrigerant side mass flow, pressure and 
temperature measurements. Condenser predictions are shown in Figure 4.1, and are clearly robust 
over the wide range of room air conditioner system operating conditioners, with outdoor conditions 
ranging from 670P to 115OP. Other correlations examined included Kayansayan (1993), Gray and 
Webb (1986), and Nakayama and Xu (1983), but all had errors exceeding 10% (see Appendix A). 
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Figure 4.1 Dry condenser predictions 
One of the reasons water removal rate prediction is so impottant is that under wet 
conditions, the condensate from the evaporator drains through the air conditioner, to a pool 
underneath the condenser fan. The condensate is then picked up by a sling ring attached to the fan. 
Some fraction of the water lands on the condenser fin surface and is evaporated, enhancing the 
condenser's heat transfer. This fraction of water has been estimated for our condenser from our 
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new refrigerant side data and estimated as .57, a number which agrees well with the earlier estimate 
of Bridges and Bullard (1995, using a different data set) of .55, which was derived using air side 
system measurements only. Predictive capacity of the model for wet conditions for the condenser 
is quite impressive, with no bias error, and a 95% confidence interval of 640 Btu/hr, which is a 
total error of approximately 3% of normal capacity. Model predictions are shown in Figure 4.2. 
For more information on condenser model predictive capabilities and derivation of the spray 
fraction, see Appendix C. 
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Figure 4.2 Wet Condenser Heat Transfer Predictions 
4.2 Compressor and Refrigerant Line Analysis 
24000 
The addition of immersion thermocouples both upstream of the accumulator and 
downstream of the compressor has provided better accuracy for compressor analysis. With 
knowledge of both temperature and pressure, it is possible to predict accurately the compressor 
heat loss, because the amount of heat absorbed by the refrigerant can be accurately quantified. Any 
power consumed by the compressor but not transferred to the refrigerant must be lost to the 
environment through heat transfer from the compressor shell. The key parameter that must be 
estimated in order to accurately model this heat loss is an overall UA value for the compressor. In 
order to get this, it is necessary to know the surface temperature of the shell. A two parameter 
curve fit has been developed to fit shell temperature (measured with surface thermocouples) to the 
discharge temperature of the refrigerant (now measured with an immersion thermocouple). This 
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linear curve fit has an accuracy of 2°F, allowing for accurate estimation of the compressor UA 
value. 
The shell heat transfer could be predicted with an error of approximately 220 Btu/hr, or 
15% of the average shell heat transfer. Better accuracy could not be achieved with our data 
because the accumulator is attached to the compressor. Because of the difficulty of obtaining 
reliable refrigerant temperature measurement between the accumulator and compressor, it was 
judged easier to just model them together, and ignore any conduction effects (and the colder shell 
temperature of the accumulator). Additionally, the same UA value was used for all 3 different fan 
speeds, since the fan speed range is so small. This assumption accounts for less than 20% of the 
total error on compressor heat rejection. The refrigerant side instrumentation has decreased the 
error in predicted heat transfer from 680 Btu/hr to 220 Btu/hr, and has similarly decreased the error 
in predicted discharge temperature from 9.8°F to 4.1 OF, compared to the estimates obtained by 
Bridges and Bullard (1995) using only surface thermocouples and generic compressor 
performance maps. Appendix D has full details of compressor shell heat transfer predictions. 
Another addition made to the model with the advent of refrigerant side instrumentation is 
that of variable refrigerant line heat transfer. Refrigerant lines (only suction and discharge lines are 
considered because of the extremely short length of the liquid line) are modeled as cylinders in 
cross flow (see Appendix D for full details), with the air velocity being a parameter which is 
estimated to be normalized to the total air volumetric flow rate. This allows accurate modeling of 
refrigerant line heat transfer as the speed of the air conditioner's fan is changed, and the 
temperature of the air varies. Instead of a constant U value (as estimated previously by Bridges & 
Bullard, 1995), U changes by nearly 15% as the air conditioner changes from low to high fan 
speed. This has a significant impact on discharge line heat transfer, which is now modeled with an 
error of approximately 12% of average heat transfer, which is down significantly from the 
previous error of 20%. Results for the suction line were less important, because of the smaIl 
amount of heat which is transferred due to the small temperature differential between the 
surrounding air and the refrigerant line. Still, suction line heat transfer can now be predicted with 
an error of less than 25% of the maximum value (which is only 80 Btu/hr). 
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Chapter 5 
Summary and Conclusions 
Extensive experiments and refrigerant side instrumentation have enabled us to validate the 
room air conditioner simulation model and each of its component models. The most appropriate air 
side heat transfer coefficient correlations were identified predict heat transfer quite well. Water 
removal rate prediction still has a fairly significant error associated with it, but minor model 
modifications should allow this error to be greatly reduced. 
The model has been modified to account for the change in the heat transfer coefficients over 
refrigerant lines that occur when air velocity changes. Also, compressor heat transfer is predicted 
much more accurately using parameters derived from refrigerant side measurements, in contrast to 
earlier efforts based on surface temperature measurements alone. 
Investigation of the effect of air flow nonunifonnities indicated a negligible net effect on 
dry coil heat transfer, due to offsetting factors, such as the increasing heat transfer coefficient 
through the high air velocity areas. Any loss came from the high temperature portion of the 
superheated area, which is the least efficient area of the evaporator for heat transfer, and accounts 
for a very small portion of total heat transfer. Pressure drop did increase for nonuniform flow 
conditions, but the effect on fan performance was found to be negligible. Total sensible plus latent 
wet-coil heat transfer also remained constant; although the water removal rate fluctuated a bit, it did 
not change consistently in any direction. 
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Appendix A 
Air Side Heat Transfer Calculations 
A.I Overall Conductances 
Each heat exchanger has a separate subroutine where the overall conductances for each 
zone are calculated, USEV AP and USCOND. These conductances are based on refrigerant-side 
area and consist of refrigerant-side, tube, contact, and air-side components. Within these two 
subroutines, the refrigerant-side and air-side heat transfer coefficients are calculated using external 
functions. 
A.1.1 Overall Eqyations 
For the evaporator, overall conductances are calculated for the superheated and two-phase 
zones. The equations used for each of these conductances are shown below. 
A.I.1 
A.1.2 
Each of the resistances is defined by the following equations. The tube and fin resistance is 
calculated using the following equation (Incropera and DeWitt, 1990): 
A.I.3 
where k represents thermal conductivity and Deff is the outer diameter of the tube plus the fin collar 
thickness. The contact resistance equation is shown below: 
Din R =--=--
conIact D out • hc:mlact 
A.I.4 
where hcontact is obtained from the following correlation (Fischer and Rice, 1983). 
A.I.5 
The original source of this correlation was not provided in the ORNL documentation. Since the 
contact resistance was estimated to contribute less than 0.1 % to the overall resistance, a large 
amount of uncertainty in the contact resistance would still be smaller than that due to resistance on 
the air side. The air-side resistance is calculated using the following equation: 
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1 
R. =----
air CF'T11Wf .hm 
A.1.6 
where T11Wf is the surface efficiency and CF is the coil factor. The surface efficiency is calculated 
in an external function which is documented in the Section A.S. The coil factor is defined as the 
ratio of the total air-side area to the refrigerant-side area, as defined in Section A.2. The heat 
transfer coefficient for the air side is calculated from the following equation: 
h '0 -% m =J mCpPr LF A.1.7 
Here j is the j-factor predicted by the various correlations presented in later sections of this 
appendix (with the exception of the Webb wavy fin correlation, which predicts h from a different 
formula). Oair is the mass flux of air, parameters are for air, and LF is a louver factor (from 
Nakayama and Xu's correlation), which accounts for enhance heat transfer because of louvers. 
For wavy or plain fins, LF is equal to one. 
The condenser conductance subroutine has the same resistance equations but uses the 
geometry and mass fluxes seen by the condenser. The condenser has three separate conductance 
equations for the desuperheating, two-phase, and subcooled regions. 
1 
U2phC = ( Rm + RIlIbca + RCOIIIIct + l/hrr:t.2phC) 
A.1.8 
A.1.9 
A.1.10 
Additional calculations required for these overall conductances are described in the 
following sections. 
A.2 Heat Excbanger Geometry 
The air-side resistance calculations require information about the geometry of the heat 
exchanger. A generic set of equations originally used by the ORNL Heat Pump model were used 
to obtain this geometry information (Fischer and Rice, 1983). A diagram of a typical cross-flow 
heat exchanger is shown in Figure A.1. 
All of the following variables and equations are internal to the model and are located in the 
subroutines USCOND and USEV AP. The calculations treat the heat exchanger as a series of 
identical tube segments and fm elements. The outputs of these calculations include CF, the ratio of 
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the air-side area to the refrigerant-side area, and Amin, the ratio of the total air-side area to the 
minimum free flow area, used for hydraulic diameter calculations. 
Figure A.I Typical fin and tube heat exchanger geometry 
Table A.I Heat exchanger geometry variable descriptions 
ShortFonn Program Fonn Description Units 
ST VTubeDist vertical tube spacing [ft] 
SL HTubeDist horizontal tube spacing [ft] 
NT TubeRows number of tube rows in [-] 
flow direction 
Dout Dout outer refrigerant tube [ft] 
diameter 
Din Din inner refrigerant tube [ft] 
diameter 
FP FinPtch fin pitch [#fms/ft] 
Fth FinTh fin thickness [ft] 
Atot Atot total air-side area per length [ft] 
of tubing in one circuit 
AfI Aft' minimum free-flow area per [ft] 
length of tubing in I circuit 
Aref Aref refrigerant-side area per [ft] 
length of tubine: in I circuit 
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Table A.I Heat exchanger geometry variable descriptions (cont.) 
Short Form Program Form Descri~tion Units 
Amin Amin ratio of total air-side area to [-] 
minimum free-flow area 
CF coilfac ratio of total air-side area to [-] 
refrigerant-side area 
The equations used for these overall heat exchanger geometry calculations are listed below. 
The equations used to calculate the outputs, Amin and eF, are listed first followed by the 
intermediate variable equations. 
A . = AtDt 
mm A 
ff 
A.2.1 
A.2.2 
A.2.3 
A.2.4 
A.2.5 
A.2.6 
Note that Aref is the nominal inside area, that of a smooth unfinned tube having an inner 
diameter equal to that of the maximum inner diameter of a fmned tube. In the case of finned tubes, 
therefore, Aref is the unenhanced area. 
A.3 Plain and Louvered Fin Air-side Correlations 
There are several finned tube correlations that could be used to calculate the air-side heat 
transfer coefficient for the condenser; it is important to choose the one which is most accurate. The 
objective is to find correlations which minimize the error in predicted subcooling, since the 
subcooling is important for the capillary tube mass flow prediction. Because the condenser has 
louvered fins, the correlation chosen requires a correction to account for the effects of the louvers 
on the heat transfer coefficient 
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Four plain-fin and tube correlations (Gray and Webb, 1986; Kayansayan, 1993; Elmahdy 
and Biggs, 1978; Nakayama and Xu, 1983) were examined. Each of these basic correlations was 
used in conjunction with Nakayama and Xu's louvered fm enhancement correlation. The addition 
of mass flow meters, pressure transducers and refrigerant-side thermocouples has allowed us to 
get very accurate measurement of the condenser heat ~sfer. This has allowed us to analyze all 
three correlations and find which predicts heat transfer most accurately The total amount of heat 
transfer was calculated from temperature and pressure measurements at the inlet and exit of the 
condenser, along with mass flow measurements made with venturis. 
Our condenser's parameters fall outside at least one of each correlations' parameter ranges. 
The Reynolds number for each of the correlations is well within the its limits, however some of the 
geometry variables are outside the correlations' range of applicability. The Kayansayan correlation 
only has one parameter outside its applicable range, the Elmahdy correlation has two, and the Gray 
and Webb correlation has three. The Nakayama and Xu correlation (both plain fin and louvered fin 
correlations) has three parameters which are beyond its accepted range. The parameters for our 
system and the constraints for each of the three correlations are shown in Table A.2. In the table, 
the restrictions which our condenser meets are in bold faced type. 
Table A.2 Louvered Fin Air-side Heat Transfer Correlation Value Ranges 
Variable Condenser Kayansayan Elmahdy Limits Nakayama & Gray&Webb 
Value Limits Xu Limits Limits 
Redh 412.1 N/A 200-2000 250-3000 N/A 
Dh .0842 in N/A .08-.293 N/A N/A 
a .058 in N/A N/A N/A N/A 
Deff .335 in N/A N/A .315-.63 .392-.675 
ReDeff 1642 500-30000 N/A N/A 500-24700 
St .996 in N/A .964-2.8 1.1-1.5 N/A 
Sl .625 in N/A .835-2.44 .59-1.3 N/A 
FP 192 fin/ft N/A 75-234 122-169 N/A 
t .005 in N/A .006-.08 .0059-.0079 N/A 
StlDeff 2.97 2.39-3.15 N/A N/A 1.97-2.55 
S]/Deff 1.86 2.07-2.67 N/A N/A 1.70-2.58 
tlDeff .015 N/A N/A N/A .024-.032 
&neff .173 .131-.425 N/A N/A .08-.64 
The variable a in the table above is the fin spacing. All other variables were defmed in 
section A.2. It is clear that most of the values which do not fall within the correlations' ranges are 
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fairly close to the limits. Our condenser lies farthest outside the applicable range of the Gray and 
Webb correlation. 
The condenser model was run for each of our 29 dry data points, and then the heat transfer 
predicted by the model was compared to that which was measured by refrigerant side 
thermocouples and pressure transducers. Five of the 29 points were rejected because the 
refrigerant side instrumentation had problems when there was low subcooling Oess than 8° F). We 
believe that at these conditions, refrigerant exiting the condenser may not be completely subcooled, 
and thus enthalpy measurements based on temperature and pressure will be off, due to vapor 
bubbles in the refrigerant stream. The results are presented in Figure A.2. The Elmahdy 
correlation performed the best, having a bias error of -154 Btu/hr and a 95% confidence interval of 
500 Btu/hr. The Kayansayan correlation was worst, predicting no subcooling for any of the 
points, and had a bias error of -5900 Btu/hr with a 95% confidence interval of 630 Btu/hr. The 
Gray and Webb correlation also underpredicted heat transfer, but not as severely as the 
Kayansayan correlation. The Gray and Webb correlation had a bias error of -1870 Btu/hr and a 
95% confidence interval of 1160 Btu/hr. The Nakayama and Xu correlation performed just a bit 
worse than the Gray and Webb correlation, with a bias error of -2460 Btu/hr and a 95% confidence 
interval of 1120 Btu/hr. 
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Figure A.2 Accuracy of predicted heat transfer for dry condenser 
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Each of the four correlations was used with an additional fin factor to account for louvers 
calculated from the Nakayama and Xu correlation. Although not all of the condenser's parameters 
are within Nakayama and Xu's limits, this correlation was one of the few which covers our 
Reynolds number range and is correlated for a range of louver geometries. Qearly the Elmahdy 
and Biggs correlation is the best for our condenser, and has been implemented in our model. 
Because subcooling is an important variable in system modelling, and because it is the 
more sensitive indicator of how well a correlation perfonns, a graph of subcooling prediction 
accuracy is shown in Figure A.3. It is clear that the correlation predictions are not biased with 
respect to fan speed. 
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Figure A.3 Accuracy of Elmahdy correlation subcooling prediction - dry condenser 
A.4 Wavy Fin Air Side Correlations 
There were two wavy rm correlations which were usable for our evaporator's geometric 
parameters. These correlations were the Webb correlation (1990), and the Xiao and Tao 
correlation (1990). Unlike the louver correlation, these correlations are not corrections to a plain 
fin and tube correlation, but are each entirely self-sufficient correlations. The constraints for each 
correlation are presented in Table A.3, again with constraints that are met by our evaporator given 
in bold. The variable a is the wave angle for the wavy fins. 
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Table A.3 Limits of Wavy Fin Correlations 
Variable Evaporator Value Webb Limits Xiao & Tao Limits 
Recth 2238 N/A 400-4000 
&Deff .12 .154-.32 .189-.379 
a 1']0 N/A 15.5° 
Gz 74 5-180 N/A 
SdfDeff .0752 .076-.25 N/A 
Once again it is clear that although neither correlation is completely within its range for our 
evaporator geometry, our evaporator's parameters are quite close to the limits of both correlations. 
Looking at the range of applicability for both correlations, it would appear that the Webb 
correlation should do a better job predicting heat transfer from our evaporator. However, analysis 
shows (in Figure A.4) that the Xiao and Tao correlation actually does a more accurate job in 
predicting heat transfer. Here the predicted heat transfer is compared to the energy balance for the 
room, using measured power going into the room. Because this method is not dependent on 
refrigerant side instrumentation, all 29 points can be used, regardless of subcooling or superheat. 
The Xiao and Tao correlation had a bias error of 500 Btu/hr with a 95% confidence interval of 620 
Btu/hr. The Webb correlation, however, had a bias error of 450 Btu/hr and a 95% confidence 
. interval of 900 Btu/hr. This is before actual air flow rate through the evaporator has been corrected 
(see appendix B). 
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Figure A.4 Accuracy of predicted heat transfer for dry evaporator 
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Evaporator capacity was measured directly by the amount of heat dissipated into the indoor 
room by both the furnace and the air conditioner's fan. Heat leakage through both the room's 
walls and the air conditioner's cabinet was also accounted for. The refrigerant side instrumentation 
was inaccurate for superheat value of less than five degrees, so nearly half of the points from the 
steady state data set needed to be removed, including the ARI rating point Although the Webb 
correlation has a slightly smaller bias error than the Xiao and Tao correlation, it has a much higher 
standard deviation. The Xiao and Tao correlation was thus chosen for the RAe model. The 
superheat prediction is shown in figure A.5 as an indication of the accuracy of the correlation -
once more, there does not seem to be a trend that is dependent on fan speed. 
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Figure A.5 Accuracy of Xiao correlation superheat prediction - dry evaporator 
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Appendix B 
Evaporator Submodel Accuracy 
B.1 Dry Evaporator Performance in System 
When selecting an evaporator air side heat transfer correlation, the Xiao and Tao wavy-fin 
correlation was chosen because it had less scatter in its predictions than that of Gray and Webb. 
Both correlations overpredict heat transfer (see appendix A for more infonnation) fairly 
significantly. Because over half of our data points had less than 7° F superheat (an area in which 
refrigerant side instrumentation is not accurate), we have chosen to rely on indoor calorimetry for 
measured evaporator perfonnance instead of on refrigerant side instrumentation. The Xiao and 
Tao correlation has a bias of 650 Btu/hr and a 95% confidence interval of 540 Btu/hr, making for a 
total error of 1190 Btu/hr, which is an errorof7% of the nominal capacity of the evaporator. The 
predictions are shown below in Figure B.t. 
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Figure B.1 R22 dry evaporator predictions 
For the predictions shown in Figure B.1, the manufacturer's rated air flow rates were used. 
An investigation by Porter and Bullard (1997) using air side energy balances has suggested that the 
actual volumetric flow rates for our air conditioner may be less than the manufacturer's rated 
values. Porter found air flow rates to be approximately 82% of the manufacturer's rated values. 
However, his analysis was based on the assumption that the air side thennocouples are accurately 
32 
measuring the average air flow temperature. Although there are six thennocouples on the 
evaporator air inlet, previous investigation (Bridges and Bullard, 1995) has shown that there is 
highly nonunifonn airflow through intake face of the grill. There would have to be weighting 
factors on the averaging of inlet temperatmes to account for the different flow rates past each of the 
six thennocouples in order to accurately measure the inlet air temperature. Additionally, there is 
some error introduced from thennocouple inaccuracies. Therefore, we decided to assume that our 
heat exchanger rate equation was correct, and to calculate evaporator air flow rates from each of 
our data points and then to average them. The calculated air flow rates were approximately 88% of 
the manufacturer's rated flow rates. The air flow rates from the manufacturer, Porter, and 
calculated from. the rate equation are presented in Table B.1 
Table B.1 Comparison of rated and calculated air flow rates 
Fan Speed Manufacturer Oair=Qref Oair=Qmte 
High 
Medium 
Low 
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530 417 
460 374 
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Figure B.2 R22 dry evaporator predictions with V correction 
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487 
464 
408 
When the corrected air flow rates from Table B.1 are used in the model, its predictive 
abilities improve immensely. Using corrected air flow rates, the model had a bias error of only 
130 Btu/hr, and a 95% confidence interval of 660 Btu/hr which is a total error of 790 Btu/hr. This 
error is approximately 4% of our nominal capacity. Predictions using the corrected air flow rates 
are shown in Figure B.2. 
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Figure B.3 R407C dry evaporator predictions with V correction 
The calculated air flow rates also provided good predictions for dry conditions using 
R407C. Using the air flow rates derived from R22 tests, the R407C predictions had a bias error of 
100 Btu/hr, with a 95% confidence interval of 360 Btu/hr, for a total error of 460 Btu/hr. The 
model's predictions for R407C with corrected air flow rates are shown in Figure B.3. 
These results show that the rate equation perfonns very well over this extremely wide range 
of test conditions - including different refrigerants, despite the simplifying assumptions employed 
in that equation. Of course, it depends on the Xiao and Tao correlation for air side heat transfer, 
which was selected because it fit the data best. However, even if the Gray and Webb correlation 
was used, the total error would not increase more than 250 Btu/hr for any of the sets of data. 
B.2 Wet Evaporator Performance in System 
For wet conditions, the model does a good job of predicting overall heat transfer, having a 
bias error of 300 Btu/hr, plus a 95% confidence interval of 300 Btu/hr, making for a total error of 
600 Btu/hr - approximately four percent of total evaporating capacity. This is quite good, although 
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overall water removal rate is (on a percentage basis) not predicted as accurately. There was a bias 
error of about. 7 lbm/hr, and a 95% confidence interval of .8 lbm/hr, making for a total uncertainty 
of 1.51bm/hr, or more than 10% of even the highest moisture removal recorded Overall heat 
transfer predictions compared to measured data for wet conditions are shown in Figure B.4. 
Moisture removal predictions compared to measured data are shown in Figure B.5. 
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Figure B.4 Measured vs. predicted heat transfer for wet evaporator 
The overprediction is not unexpected, because currently the evaporator model has is using 
an interpretation of rm efficiency which works well for dry conditions, but has some minor flaws 
for wet conditions. When calculating the overall U value for the evaporator, the fin efficiency 
(about 92% for most conditions) multiplies the h value calculated by the air side heat transfer 
coefficient correlation. This amounts to assuming that there is an area 92% of the actual fin area 
which is all at the same temperature as the base of the fin. Of course, an actual fin has a 
temperature gradient, but this is far to complicated to include in modeling. An equally accurate 
assumption, however would be that the entire rm is at a temperature slightly higher than the base 
temperature. Thus, instead of 90% of the area of the fin at 100% of the temperature difference 
between the rm base and the air temperature, there is 100% of the fin area at 90% of the 
temperature difference between the fin base and air temperature. This will have no effect on dry 
heat transfer predictions, but moisture removal is highly dependent on the rm surface temperature. 
Applying this 92% correction to the 400 temperature differential for most of the wet data results in a 
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change of 3.2°F for the surface temperature of the evaporator. This corresponds to a change in 
humidity ratio of .001, while a change of .0004 is all that was necessary to correct the bias 
observed in the data. However, this was using a dry calculated fin efficiency - it is quite possible 
that the fin efficiency is enhanced by the layer of water on the fin, which could results in the data 
that we observed. 
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Figure B.5 Predicted vs. actual water removal rate for wet evaporator 
B.3 Wind Tunnel Evaporator Predictions 
A set of tests was also run on an identical evaporator placed into a wind tunnel, using R22 
as a refrigerant This set of tests attempted to mimic the data points taken with the air conditioner, 
with the main difference being that there was now much more unifonn airflow (see Appendix F) 
over the heat exchanger. Once again refrigerant side and air side inlet conditions to the evaporator 
were measured, and input to the model. The key difference this time was that the air flow rate in 
cfm was actually measured, and set equal to the dry coil rate determined from the system tests. 
The model predictions turned out approximately the same as for the data taken for the room air 
conditioner. Once again the Xiao and Tao correlation proved superior, having a total bias of 390 
Btu/hr and a 95% confidence interval of 400 Btu/hr, leading to a total error of 790 Btu/hr. Model 
predictions are compared with actual wind tunnel data in Figure B.6. 
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Figure B.6 Model prediction for R22 wind tunnel experiments 
For the wet data taken in the wind tunnel, results were similar to those from the air 
conditioner data. The bias was a bit more pronounced at 650 Btu/hr, with a 95% confidence 
interval of 200 Btu/hr, which comes to a total error of 850 Btu/hr, or approximately 5% of total 
capacity. Water removal rate was again consistently overestimated, with a bias error of .7 lbm/hr, 
and a 95% confidence interval of .8 lbm/hr for a total error of 1.5 lbm/hr. It seems that the model 
consistently overestimates the amount of moisture removed from the evaporator airtlow for both 
the room air conditioner and the wind tunnel data. It is not surprising that the magnitude of 
overpredictions are similar to those observed for the system, because the incremental change in 
pressure drop was probably small relative to the total seen by the fan, so the effect on fan air flow 
rate was probably negligible. Wind tunnel experiments revealed pressure drops on the order of 
.003 psi across the coil itself, so even a significant blockage due to condensate would probably 
increase that by less than .0006 psi, based on data given to Ragazzi and Pederson (1995) by coil 
manufacturers. This .0006 psi incremental pressure drop would dissipate only on the order of 1 W 
of power (calculated from P= it A.P), while the fan must impart .55 W to the flow, overcome the 
usual pressure drop through the coil at the cost of 4W, as well as turn the flow 1800 , and 
experience substantial frlctionallosses over the blades and along the ducts. All these losses are 
large because the shaft power is 60 W, so the incremental pressure drop due to condensate is 
unlikely to affect fan speed and flow rate significantly. 
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Figure B. 7 Model prediction for wet wind tunnel experiments 
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Figure B.8 Water removal predictions for wet wind tunnel experiments 
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Appendix C 
Condenser Submodel Predictions 
C.I Dry Condenser Predictions 
Using the Elmahdy and Biggs correlation (information about correlation selection is 
presented in Appendix A), dry coil condenser performance for R22 was predicted to within an 
error of 420 Btu/hr - which is only a 2% total error. The data used for this result was from Data 
Set 5.0. The predictions are shown in Figure C.1. There is a bias error of -85 Btu/hr, with a 95% 
confidence interval of 330 Btu/hr. 
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Figure C.1 R22 dry condenser predictions 
Because subcooling is an important variable for the capillary tube equations, subcooling 
predictions from the Elmahdy and Biggs correlation results for R22 are presented in Figure C.2. 
From the figure, it is obvious that there is no error trend with respect to fan speeds. There was a 
bias error of 0.6°F, with a 95% confidence interval of 4.6°F, making for a total error of 5.2°F. 
Similar results were found for data taken with R407C, Data Set 6.0. There was a bias 
error of -320 Btu/hr with a 95% confidence interval of 280 Btu/hr, making for a total error of 600 
Btu/hr. The model's predictions for 407C are presented in Figure C.3. The fact that both R22 and 
R407C data is predicted quite well by the model validates the refrigerant side correlations used by 
the model. It also indicates that the model should be applicable to a variety of refrigerants. 
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Figure C.3 R407C dry condenser predictions 
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24000 
The assumption used for the zeotrope 2-phase modelling is that the 2-phase temperature can 
be modelled by using the average 2-phasetemperature throughout the two phase area. This could 
potentially create problems for heat-exchangers that are not well circuited. because in our model we 
make no differentiation between the different passes of the heat exchanger - our passes switch 
positions often enough that they all should see approximately the same air temperature throughout 
their journey through the heat exchanger. So. for a multiple pass heat exchanger with no switching 
of placement of the passes. this correlation would definitely need to be modified - even more so for 
a zeotropic refrigerant 
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Figure C.4 Wet Condenser Heat Transfer Predictions 
C.2 Wet-coil Condenser Predictions 
24000 
Modelling of the condenser during humid conditions for the indoor room is a bit more 
difficult, because the moisture which condenses off the evaporator will flow to the outdoors. 
where it gets picked up by a "sling ring" which is attached to the condenser fan, and thrown onto 
the condenser. Some fraction of this water then evaporates on the condenser. enhancing the heat 
transfer from the coil. while the rest is either pre-evaporated. or blown through the coild The 
Elmahdy correlation was used again for these conditions. and once more predicts heat transfer 
quite satisfactorily. One parameter that was necessary to estimate for our model is Cspray. the 
fraction of the condensate which is evaporated on the condenser. enhancing the heat transfer. 
Happily. the value estimated from the analysis (.572) is remarkably close to the value previously 
estimated by Bridges and Bulalrd (1995) in their analysis which used air side data. It is not 
surprising that he did a good job of estimating this number. because he had actual values for water 
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removal rate from our humidifier load cell, and had fairly good measurement of condensing 
pressure via a thermocouple placed midway through the two phase region. The surface 
thermocouple at the entrance was off by up to 6° F, and the exit thermocouple could have been off 
by 3° F, but both would both read colder than the refrigerant temperature, which would partially 
offset this error - additionally, the vast majority of the heat transfer is in the two phase section, 
which was accurately known because of the two phase thermocouple. Heat transfer predictions for 
the condenser using the new Cspray had no bias error, and a 95% confidence interval of 640 
Btu/hr, which comes to a total error of 640 Btu/hr, which is less than a 3% total error. Model 
predictions are shown in Figure C.4. 
42 
Appendix D 
Compressor and Refrigerant Lines Parameter Estimates 
D.I Compressor Heat Loss Modeling 
The compressor is one of the most difficult components to model, due to the complicated 
flow and heat transfer processes which occur there. Numerous papers have proposed detailed 
compressor models which account for compressor parameters like clearance volume, compressor 
speed, and heat transfer to various components within the compressor (Pahdy and Dwivedi, 
1994). Instead of adding this complexity to the system model, performance maps from the 
manufacturers were used to estimate compressor power requirements and refrigerant mass flow at 
different inlet and outlet saturation temperatures (pressures). All parameter estimation perfonned in 
this section uses data from data set 5.0 (the data set described in section 3.1) for the Whirlpool 1.5 
ton system with refrigerant side instrumentation. 
The compressor maps do not provide any infonnation about how much heat is rejected 
from the compressor to the air. Therefore, it is necessary to estimate the portion of the compressor 
power which is lost through heat transfer from the compressor shell in order to calculate the 
refrigerant discharge temperature. Heat not transferred to the air will be carried by the discharge 
gas. In addition, compressor heat loss increases the temperature of the air entering the condenser, 
thereby reducing the air-ta-refrigerant temperature difference across the condenser coil. 
Given the measured inlet power, P ccmp' and the enthalpy difference at the compressor, the 
heat loss can be estimated for each data point This heat loss is then used to estimate an overall 
heat transfer coefficient for the compressor, Ucomp, using the temperature difference from the 
compressor shell to the ambient outdoor air. This relationship is shown in the following equation: 
U = P ccmp - mref . (hella - hsuc ) 
CClIIIp Accmp (T shell - T wtdoor ) 0.1.1 
where hrus and hsuc are the discharge and suction enthalpies. The surface area of the compressor, 
Acamp, was detennined from manufacturer specifications to be 1.26 ft2. 
The compressor shell temperature is not calculated directly in the simulation model, but 
observations of our data revealed a linear relationship between the compressor shell temperature 
and the discharge temperature. Therefore, the compressor shell temperature can be calculated from 
the discharge temperature. 
T shell = 0.9714 . T ella + 0.25 0.1.2 
Using this two parameter curve fit, the shell temperature could be predicted within a 95% 
confidence interval of 2 oF. The measurements showed that the compressor shell temperature 
varied from 150 to 260 OF. Similar accuracy has been reported by Cavallaro and Bullard (1995) 
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and Srichai (Srichai and Bullard, 1997) for linear curve fits for for reciprocating and rotary 
refrigerator compressors. These results suggest that the compressor shell heat transfer coefficient 
can be determined quite accurately from measurements of Tshell, Tdis, and Tair at only two 
operating conditions. 
One question that needed to be addressed was whether or not the overall heat transfer 
coefficient of the compressor varied significantly with fan speed. Ucomp was estimated for a 
complete data set consisting of low, medium, and high fan speed data. The estimations resulted in 
an average Ucomp of 11.16 Btu/(h-ft2-oF). This produced a 95% confidence interval for the 
predicted compressor heat loss of 260 Btu/h, or about 15% of the average (1711 Btu/hr) heat loss. 
Ucomp showed a slight dependence on fan speed (as would be expected), but the values rangedwas 
only from 10.8 to 11.5 Btu/(h-ft2_0 F) which is only 3% off from the average value used in the 
simulation program. Most of the 260 Btu/hr confidence interval was scatter in the data; the 
additional error introduced by not using a variable Ucomp was less than 20% of the total error. 
Given the uncertainties already associated with this model of compressor heat transfer, we judged 
that it was not worth complicating the model to include different values for Ucomp for different fan 
speeds. 
Analysis of the suction line (see section 0.3 of this appendix) revealed that it would be 
easier to include the accumulator with the compressor, rather than modelling the suction line and 
·accumulator together. The accumulator and the compressor are modeled as described above, 
except that we use the enthalpy difference from the accumulator inlet to the compressor outlet. The 
heat loss is still calculated by using the temperature difference between the shell and the air, and the 
compressor area is still the only area used. By modelling in this way, we have assumed that all 
heat lost from the compressor to the air is lost at the compressor, and any heat conducted away 
goes to the refrigerant. This is a fairly good assumption, because the small ATs from the 
accumulator to the air do not allow significant amounts of heat to be lost to the air from the 
accumulator. Modelling the accumulator in this fashion actually reduces the 95% confidence 
interval from 260 Btu/hr to 220 Btu/hr. The resultant UA value for the compressor is lower, 
because some of the heat previously assumed to have been lost to the air is now modeled as going 
to the refrigerant. The Ucomp value is estimated to be 9.61 Btu/(h-ft2..OF). Using this value for 
Ucomp, Figure 0.1 shows predicted vs. measured heat transfer to the air. 
Refrigerant-side instrumentation has helped to reduce the errors in previous compressor 
heat loss and discharge temperature predictions (Bridges and Bullard, 1995). The confidence 
interval for heat loss has been reduced from 678 Btu/h to 220 Btu/h. Similarly, the confidence 
interval for discharge temperature has been reduced from 9.8°F to 4.1 OPe 
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Figure 0.1 Comparison of predicted and measured compressor heat loss 
In order to calculate a conductance for a different compressor, its surface area must be 
known. In addition, two measurements of discharge temperature and compressor shell 
temperature are required, in order to find the relationship between these two temperatures. 
Sometimes such data are available only at the standard rating point, but two data points are required 
to determine the two constants in the linear relationship. If the second data point is not available 
from the compressor manufacturer, it is a simple matter to measure shell and discharge 
temperatures during normal system testing. 
D.2 Compressor Mass Flow and Power Prediction 
. Both mass flow through the compressor and power used by the compressor are calculated 
using biquadratic curve fits of manufacturer data; they use the saturation temperatures at the inlet 
and exit of the compressor to predict mass flow and power. These curve fits do not produce very 
accurate predictions, however, because they are all based on a suction gas inlet temperature of 95°F 
to the compressor. The temperature of the gas may actually be as low as 60°F, which means that 
the specific volume of the gas may be substantially different from that used by the manufacturer to 
create the maps. The specific volume of the gas is inversely proportional to mass flow through the 
compressor; we therefore use equation 0.2.1 to provide a correction to the map. 
• _ 'Umap • 
mac\ll4l - --mmap 
'Uactual. 
0.2.1 
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When the mass flow predictions from the corrected and uncorrected map are compared with 
data from the Coriolis mass flow meter, it is clear that the corrected map does a much better job of 
predicting mass flow. A graph of the predicted mass flow vs. measured mass flow is presented in 
Figure D .2.1 
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Figure D.2 Comparison of predicted vs. actual mass flow 
The uncorrected map had a bias error of -13.1 lbm/hr, with a 95% confidence interval of 38.7 
lbm/hr, while the corrected map performed significantly better with a bias error of -4.4 lbm/hr and 
a 95% confidence inteIVal of 15.2 lbm/hr. 
For the more difficult case of a reciprocating compressor, Fischer and Rice (1983) propose 
a mass flow correction in the fonn of equation D.2.2 
m_++Fv(:: -l)r~ 0.2.2 
where Fv is a volumetric efficiency correction factor. When Fv = 1, the correction reduces to 
equation 0.2.1. When Fv = 0, there is no correction to the map. Values ofFv between 0 and 1 
reflect the fact that only a fraction of the gas to be compressed is actually cold suction gas; some 
hot discharge gas remains from the previous compression cycle. When this correction was used 
with our data, it was found that the correction was most accurate when a value of 1 was used for 
Fv. This is reasonable, because volumetric efficiency for a rotary compressor is very close to 1 -
our compressor has a value of 92.6% (Matumbo, 1996). 
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Fischer and Rice also use an additional correction to account for heat transferred to the gas 
after it enters the compressor shell, but before it actually enters the compressor itself. Since in a 
reciprocating compressor, gas can spend quite a bit of time in the shell cooling the motor and 
compressor block before it enters the compressor, this can be a significant amount of heat transfer. 
The correction is given by equation 0.2.3 
~ ~iD1ct,suctiClllport = Fill . 
mmap 
0.2.3 
where W map and mmap are the power consumption and mass flows predicted by the map. The 
factor Fsh represents the constant fraction of input power dissipated in the shell and transferred to 
the suction gas. ~ is the enthalpy gained by the suction gas from this heat transfer before it enters 
the suction port of the cylinder. The Whirlpool test unit uses a rotary compressor instead of a 
reciprocating compressor, and when the parameter Fsh was estimated using experimental data, it 
was found to have a value of o. This was expected, because the suction line goes direcdy into the 
suction port, allowing for no significant heat transfer between the shell and the refrigerant A 
rotary compressor does not have a large chamber which refrigerant stagnates in, as a reciprocating 
compresser does. Instead, the gas goes straight into the suction port of the compressor. 
Fischer and Rice also proposed a cOlTection to the power map, which takes the fonn of 
equation 0.2.4 
0.2.4 
However, for a rotary compressor, this equation yields values for VI ac:tua1 that are equal to VI map. 
This occurs because the volumetric efficiency of the compressor is extremely close to 1. Equation 
0.2.4 implies that the work of isentropic compression from one pressure to another is nearly 
independent of the temperature of the gas, which is a direct result of our assumptions. The ratio of 
mass flows reduces to a ratio of u 1000plu lOact, and the ratio of enthalpy changes (because of 
the constant entropy assumption) reduces to a ratio of u lOact/u 1000p for an ideal gas. These 
cancel, yielding an overall "correction" very close to 1 for our case of a real gas. For a 
reciprocating compressor, however, this factor would provide a correction, because the volumetric 
efficiency tenn would not allow equation 0.2.1 to simplify to a ratio of specific volumes. The 
power map did not do a very good job of predicting compressor power, as Figure 0.2.2 shows. 
The power map had a bias of -100 W, and a 95% confidence interval of 220 W. This ~ge of 5-
10% is larger than the 5% error generally claimed by manufacturers. Since the corrected mass 
flow map was fairly accurate, this error is probably not due to the compressor moving additional 
mass. Rather, it might reflect degradation of motor efficiency or lubrication problems that might 
have developed during the thousands of hours it had operated before the data set used for 
parameter estimation was taken. 
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Figure 0.3 Predicted vs. actual compressor power 
0.2.1 Creation of New Compressor Maps 
When switching to a new refrigerant, either a new compressor map is needed, or the old 
one needs to be corrected. Since the original compressor maps were already fairly unreliable, we 
judged that it would be better for the model to run using compressor maps which we knew were 
accurate, rather than subjecting inaccurate data to inaccuracy complicating transformations. 
Therefore we decided to curve-fit our own measured power and mass flow rate data, which 
constituted in-situ calorimetry of our specific compressor. 
The steps for creating new compressor maps are quite simple. It is necessary to get a set of 
data for the compressor's performance at different evaporating and condensing temperatures 
(which are used in the curve fit instead of suction and discharge pressures - although pressure is 
the relevant property for the curve fit). This can either be acquired from the compressor 
manufacturer, or from actual operating data (the kind of in-situ calorimetry we did for R407C). 
The operating data is then put through a least squares curve fit to conform to an equation of 
the form of Equation 0.2.5 
a1 +a2To +a3T!+(a4 +asTo +a6T!)Tc +(a7 +a.To +a9T!)T! 0.2.5 
Because R407C is a zeotrope, there is no fIXed "evaporating" or "condensing" temperature. 
We rather arbitrarily decided to use the dew point temperatures corresponding to measured suction 
and discharge pressures for both the evaporating and condensing temperatures used in the curve 
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fit. This decision was made because in both cases the dew point temperature represents the two 
phase temperature closest to the compressor. There were 21 data points available for each least 
squares curve fit, and the resulting mass flow curve fit had an R2 of .993, while the power curve 
fit had an R2 of .999. Predictions for the mass flow curve fit.are shown in Figure D.4, while the 
power curve fit predictions are shown in Figure D.5. The mass flow curve (in order to use the 
same method that was used for other compressors which we had data for) was created by 
assuming a constant 95° inlet temperature to the compressor, which was then corrected for the 
density variation between the actual temperature and the assumed 95° temperature. This extra step 
may partially account for why the mass flow curve did not do quite as good a job of predicting 
mass flow as the power curve did for power. On the other hand, analysis revealed that for a 
compressor with high volumetric efficiency (as mentioned above), the power prediction is not 
dependent upon the density of the refrigerant. 
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Figure D.4 Compressor map mass flow predictions for R407C 
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Figure 0.5 Compressor map power predictions for R407C 
D.3 Refrigerant Line Heat Transfer 
Heat transfer in the refrigerant lines is also accounted for in the system model. In the OOE 
room air conditioner simulation model, the refrigerant line heat transfer was a user-specified input 
set to a constant 100 Btu/hr (Bridges and Bullard, 1995). The previous version of RACMOO 
modeled the heat transfer from the refrigerant lines by finding a UA value for each line, and then 
multiplying by the average temperature difference between the refrigerant and the air. However, 
with the acquisition of refrigerant-side data, it became apparent that this method did not accurately 
represent refrigerant line heat transfer, or capture its dependence on fan speed. 
Consequently, RACMOO has been modified to use equations 0.3.1 and 0.3.2 to model 
the heat transfer between refrigerant lines and the outdoor air as it passes through the cabinet 
towards the condenser. There are three refrigerant lines of interest: the suction line, the discharge 
line, and the liquid line. Previous analysis (Bridges and Bullard, 1995) has shown that because 
the liquid line is very short, and it is not directly in the air stream, the heat transfer is minimal and 
can be neglected. 
0.3.1 
q=UMTlm 0.3.2 
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~ = _1 + Aref 0.3.3 
U href hairAair 
The average heat transfer coefficient is found from equation 0.3.1, where the constants C and m 
are dependent on Reynolds number (Incropera and Oewitt, 1990). For our case, where the 
Reynolds number (based on outer tube diameter) is between 4000 and 40000, the constant values 
are .193 for C, and .618 for m. For those cases where the Reynolds number is betweeen 400 and 
4000, the values are .683 for C and .466 for m. Equation 0.3.2 calculates the heat transfer using a 
log mean temperature difference approach, where the U value, based on the refrigerant-side area, is 
calculated from equation 0.3.3. 
There are two parameters to be estimated for each refrigerant line. The first is the speed of 
the air which is flowing over the lines. We have chosen to normalize this velocity using the face 
velocity of the air leaving the condenser. The parameters Vasucnorm and Vadisnorm were 
estimated for our test unit by minimizing the error in the prediction of heat transfer in the refrigerant 
lines. Once these values are known, the velocity of the air over the refrigerant line can be 
calculated from equation 0.3.4. The Reynolds number is then found from equation 0.3.5. 
Vadisnorm * v 
v. =-----
m A 
cond 0.3.4 
0.3.5 
The second parameter to be estimated accounts for the excess heat transferred to the lines 
because of axial conduction from the compressor. This parameter is multiplied by the temperature 
difference between the compressor shell, and the temperature at the end of the appropriate line. 
From the conduction equation 0.3.6, it is easily seen that the parameter of interest is kA/L. For 
each line, L is taken to be the length of the line, and aT is the surface temperature difference from 
one end of the line to the other. 
aT q=kA-
L 
0.3.6 
As a first approximation, we used a calculated value for kA/L. This value was obtained 
from geometric parameters, and a standard value of 757 Btu/hr-ft_oR ofk for pure copper. Given 
the very small cross-sectional area involved, and the small temperature differential, the amount of 
heat transferred axially was insignificant for the discharge line. Assuming a 20° F temperature 
differential from the compressor to a point which is .25 feet along the discharge line (and this is a 
fairly large overestimation), there would be only 6 Btu/hr of heat transferred to the line. This is 
extremely small compared to the over 300 Btu/hr transferred from the discharge line to the air. The 
suction line axial heat transfer was similarly small. However, axial conduction through the 
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accumulator did cause the smface thermocouple at the accumulator inlet to be unreliable for some 
of our test conditions (see end of section 0.3.1) 
0.3.1 Air velocity Estimation 
Vadisnorm was estimated from a complete set of 40 data points, using all 3 fan speeds. 
Our estimated Vadisnorm of 5.31 yields an air flow velocity (for high fan speed) of 45 ftls, which 
is slightly greater than the calculated maximum velocity at the inlet louvers of 38 ftls. This 
maximum was calculated from manufacturer-provided volumetric flow data, along with the 
geometrical properties of the louvers. There was a 95% confidence interval of 80 Btu/hr on 
predicted discharge line heat transfer. The bias error was less than .1 Btu/hr, indicating that the 
equation is of the proper form. A comparison of measured and predicted discharge line heat 
transfer is shown in Figure 0.6 It is clear from the figure that there does not appear to a be a 
systematic error with fan speed. Both high and low fan speed data follow the same trend 
Therefore we conclude that th~ Reynolds number term in the heat transfer coefficient poperly 
accounts for air velocity variations over the range of fan speeds. 
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Figure 0.6 Predicted vs. measured discharge line heat transfer . 
In order to predict inlet temperature to the compressor, both Vasucnorm and a UA value for 
the accumulator need to be estimated. The suction line and accumulator set up are shown in Figure 
0.7. Unfortunately, we had a limited data set (in order to estimate both of these values, the 
evaporator exit needed to be superheated, and both Taccum In and TIOr needed to be working), 
and it was very difficult to predict the amount of heat conducted from the compressor to the 
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accumulator. Instead of modelling the suction line in this way, we decided to lump the 
accumulator together with the compressor, calculating a combined UA value for them. The exact 
procedure outlined is outlined in section 0.1 of this appendix. Typical temperature values for 
different conditions are listed in Table 0.1 
Evaporator 
1'9 surface 
1'9 immersion 
Taccum 1 
swface 
,/ 
TaccumIn 
swface 
Accumulator 
~ 
T10 
surface Compressor 
T10 
immersion 
Figure 0.7 Suction Line Instrumentation 
Table 0.1 Typical Temperature Values for Various Types of Points 
Conditions T9 T9r Tacc In Tacc 1 TIO T10r 
Flooded 27.2 25.7 25.6 29.0 49.4 25.0 
Hot Outdoor 89.3 88.0 92.8 102.1 122.3 97.5 
Air 
Cold 35.3 33.7 41.4 51.3 70.4 46.1 
Outdoor Air 
Tair 
67.0 
116.4 
67.0 
With the limited data set that we had available, Vasuctnorm was estimated using the 
procedure outlined above. The optimization produced a Vasuctnonn value of 11.5. This is 
unlikely, and upon further analysis it became obvious that the error in heat transfer prediction was 
highly dependent upon the temperature difference across the accumulator. This caused problems 
because we depend on 1'9 swface in order to get an enthalpy difference for the suction line. The 
dependence of the error on accumulator temperature differential is apparent in Figure 0.8. 
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Figure 0.8 Suction line errorvs. ATaccum 
This observation put a further restriction on our data set We decided to only use data 
points with a AT accum of less than 5°F to remove the influence of axial conduction. This left only 
five points from our data set, which we combined with data points from a transient data set to give 
us ten points overall. Additionally, using the log mean temperature difference formulation for the 
suction line is difficult because the refrigerant temperature can be either colder or hotter than the 
outdoor air. To correctly model this would require extra switching capabilities for the model 
Fortunately, simply using an average refrigerant temperature gave results within 1% of the LMID 
method, because of the extremely small magnitude of the temperature changes involved. Thus, 
heat transfer for the suction line is calculated using equation 0.3.7 rather than 0.3.2. 
0.3.7 
The ten points yeilded a value of 5.0 for Vasuctnonn .. This value is much more believable 
than the previous value of 11.5. This corresponds to an air flow rate of 39.4 ft/s (at high fan 
speed), which is just slightly above the louver air flow rate of 38 ft/s. The bias error for this 
prediction was -8 Btu/hr, with a 95% confidence interval of 18 Btu/hr. Heat transfer predictions 
and measurements for the suction line are given in Figure 0.9. 
Because heat transfer over the suction and discharge lines is rather small, system design 
(and simulation results) should be relatively insensitive to estimates of nonnalized air velocities. 
Approximate values can be easily estimated. For most room air conditioners, 1.0 would be a 
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lower bound because the condenser face area is approximately equal to the cross-sectional areas of 
the plenums. Often the lines are located near the condenser air inlets, whose cross-sectional areas 
are known. This allows calculation of an upper bound for air velocity entering the plenum, using 
the air flow rates given by the manufacturer. In our case, we found air velocities that were actually 
slightly higher than this upper bound. Within the plenum itself, there exist areas of locally higher 
and lower velocities, dependent upon the geometry of the air conditioner. The parameters 
Vadisnorm and Vasuctnormcan be adjusted from the values we have chosen (both lines are located 
close to the air inlets, and are not screened from the air flow) based upon the geometry of the air 
conditioner in question. 
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Figure 0.9 Predicted vs. measured suction line heat transfer 
If more accurate values are desired for these parameters, a few simple tests will enable their 
estimation. These tests require measurement of air temperature, average refrigerant line 
temperature, as well as the evaporating and condensing temperatures. The evaporating and 
condensing temperatures can be used to estimate mass flow from the compressor maps. Then the 
heat transferred from the refrigerant can be calculated from q=mdotre£* ~ T*cp. Using this q, along 
with equations 0.3.1 and 0.3.2 will enable the calculation of velocity, from which both parameters 
can be obtained. For better accuracy, temperatures may be recorded at several different conditions, 
and used to estimate the magnitude of the nonnalized velocity which will minimize the error in 
predicted refrigerant line outlet temperature. If instrumentation of the air conditioner is not 
possible, our values can simply be used as a rough approximation 
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D.4 Summary 
By modelling the accumulator together with the compressor, we can model the heat lost 
from the compressor much more accurately. Refrigerant side instrumentation has allowed much 
more accurate parameter estimation, reducing the uncertainty in compressor heat loss by over 60%. 
Compressor heat loss can be predicted within about 200 Btu/hr of its actual value. Analysis of the 
compressor maps reveals that they are, at best, only accurate to within 5% of the actual value. Use 
of a volumetric correction factor helped to reduce the error in mass flow rate prediction, but had no 
effect on the error in predicted power. 
Modelling the refrigerant lines as cylinders in cross flow is a much better approximation 
than simply estimating a UA value for them, because it allows the effects of differing air velocities 
to be modelled. Heat transfer for both the discharge lines can be predicted to within 10% of its 
value, while the suction line heat transfer can be predicted to within 20% of its value. The lower 
accuracy on the suction line is not a large concern because of the small magnitude of its heat 
transfer. This renders the low accuracy less important and increases the relative effects of any 
instrumentation inaccuracies. 
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AppendixE 
Wind Tunnel Specifications 
This appendix contains an overview of the wind tunnel used to perform nonunifonn 
airflow experiments on the evaporator. This appendix outlines the changes to the wind tunnel 
setup which have occurred since Nygaard and Pedersen (1995) published their paper - any areas 
not covered in this appendix can be assumed to be identical to their paper. The main change to the 
wind-tunnel setup is the refrigerant bypass loop which was added to enable the loops (designed 
with a 3 ton coil in mind) to still be able to control properly for a 1.5 ton coil. Additionally, a 
movable blockage was added to the air side of the loop to enable simulation of nonuniform airflow. 
E.I Refrigerant Side Description 
R22 is driven around the loop by a mineral oil using compressor which can be driven at 
various speeds by means of a variable speed drive. The oil is separated and returned to the 
compressor immediately downstream of the compressor. A portion of the refrigerant is diverted 
via a needle valve and mixed with condensed refrigerant diverted directly after the subcooler. This 
mixing is necessary to ensure that the compressor does not see either too hot or cold of an inlet 
condition - if only hot gas was bypassed around the evaporator, the compressor would operate at 
an artificially high temperature, similarly if only cold liquid was bypassed, the compressor would 
operate at an artificially low temperature. Both these conditions are undesirable because of the 
increase in compressor wear. The solution was to divert both liquid and hot vapor and mix them 
into a two-phase solution - this can be checked by observing the sight glass downstream of the 
mixing, and adjusted via the two needle valves. 
The refrigerant goes through a water cooled condenser (where condensing pressure is 
controlled via a mechanical controller) to a receiver which ensures that liquid enters the subcooler. 
The subcooler water flow rate is controlled via a needle valve, and the refrigerant inlet temperature 
to the expansion valve can be controlled using this needle valve. The refrigerant then proceeds 
through a Coriolis mass flow meter, before entering the expansion valve. After the expansion 
valve, refrigerant flows into a distributor, which evenly distributes the refrigerant into 3 tubes 
which directly feed the evaporator where the capillary tubes would go in an air conditioner. After 
leaving the evaporator, the refrigerant joins with the bypassed refrigerant before entering an 
accumulator, and then proceeding through a filter to the compressor. 
The temperature of the refrigerant entering the expansion valve and leaving the evaporator 
is measured using immersion thennocouples with reference junctions buried in ice water. A 
Strawberry Tree data acquisition system reads these values (along with all other measured values) 
approximately four times a minute. Pressure measurements are taken before the expansion valve 
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and after the evaporator by means of absolute pressure transducers. The positioning of the pressure 
measurements allows the precise enthalpy of refrigerant entering and leaving the evaporator to be 
calculated (assuming single phase exit from the evaporator). The refrigerant side portion of the 
wind tunnel is shown below in Figure E.1. 
Coriolis 
Mass Flow 
Meter 
Expansion 
Valve 
Legend 
Evaporator 
o Temperature and 
~ Pressure measurement 
taken here 
Sight 
Glass 
Filter 
Figure E.l Diagram of refrigerant side of wind tunnel. 
E.2 Air Side Description 
Oil 
Separator 
Air is driven through the wind tunnel by a blower which is connected to a variable speed 
drive. Air mass flow rate is measured at a nozzle station downstream using ANSIIASHRAE 
standard 41.2-1987. The mass flow rate can be calculated from Equations E.l through E.5 
(Nygaard and Pedersen, 1995). 
Q" = 1096 7*Y * ~l>Pnorde *C A 
• exp Pair D 
Equation E.l 
Y exp = 1.0-0.548*(1.0-a) Equation E.2 
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a = 1. 0 _ 0.0360875* M> nozzle 
P nozzle, in 
CD = 1.0- (0.10276 * Rer-O.414 
Equation E.3 
Equation E.4 
Equation E.5 
For these equations, Q is the air flow rate in cfm, Yexp is the expansion factor, a is the alpha 
ratio, M> nozzle is the differential pressure across the nozzle in inches of water, Pnozzle,in is the 
nozzle inlet pressure in psi, Pair is the density of the air in Ibm/ft3, Co is the discharge coefficient 
for the nozzle, and Re is the approximate Reynolds number for the nozzle. The pressures are 
measured using differential pressure transducers to provide the pressure difference across the 
nozzle, and also between the entrance to the nozzle and atmospheric conditions. 
The air then flows across two heaters, which are PID controlled to provide a specific 
temperature at the evaporator section. After the heaters, the air flows through a stationary mixer, 
and then over a fan placed into the loop in order to provide adequate mixing for lower cfm cases. 
The mixer provided in the wind tunnel proved insufficient to overcome stratification for airflows 
much below 600 cfm because at those velocities, the mixer was unable to impart sufficient rotation 
to the airflow to provide good mixing. Stratification of nearly 10 degrees Fahrenheit was observed 
at the inlet thermocouple grid to the evaporator before installation of the fan. Stratification dropped 
to approximately 2 degrees Fahrenheit after installation of the fan. The fan is positioned 
horizontally in the wind tunnel to avoid adding velocity to the airflow after it is measured upstream 
at the nozzle. It simply blows air from the bottom of the wind tunnel to the top of the duct 
Humidity is added to the air at the steam injector site - the steam being provided from a 
humidifier which is controlled by a PID controller which controls for a specific dew point at the 
entrance to the evaporator test section. After the flow is turned, it goes through mesh flow 
straighteners before it reaches the evaporator test section. 
Temperature (using ice-bath referenced thennocouples) and dew point (using chilled mirror 
dew point sensors) measurements are taken before and after the evaporator to provide accurate 
measurement of air conditions. Additionally, the pressure drop across the heat exchanger is 
measured using a differential pressure transducer. Water removal rate can be calculated from the 
two dew point measurements and the mass flow rate of the air provided by the calculations in 
Equations E.1 through E.5. A schematic of the air side of the wind tunnel appears in Figure E.2 
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Figure E.2 Diagram of air side of wind tunnel 
E.3 Achieving Test Conditions 
(!) 
® 
Legend 
air 
temperature 
air dew point 
temperature 
® air pressure 
drop 
The main parameters to be set for each test condition are air flow rate, refrigerant mass flow 
rate, refrigerant inlet enthalpy to the evaporator, evaporating pressure, and inlet air temperature and 
dew point. The air flow rate is set by manually adjusting the variable speed drive connected to the 
blower to achieve whatever flow rate is desired. This flow rate varies by less than 3 cfm at steady 
state conditions. Inlet air temperature and dew point are controlled using PID controllers, and are 
controllable to within 10 Fahrenheit. Evaporating pressure is controlled by a combination of the 
expansion valve and the bypass valves, but is mainly set by the back pressure which is controlled 
by the two refrigerant bypass valves. All three valves are manually set to their operating condition. 
Evaporating pressure varies by less than 1 psi when at a steady state condition. Refrigerant mass 
flow rate is manually set by the expansion valve position, and varies by less than 3 lbm/hr during 
steady state operating conditions. Inlet enthalpy to the evaporator is set by setting the inlet 
temperature to the expansion valve. Because the expansion can be modeled as isenthalpic, the 
enthalpy after the valve is the same as the enthalpy of the refrigerant entering the valve. Because 
the enthalpy of a subcooled liquid is virtually the same as that of the zero quality 2-phase 
refrigerant at the same temperature, inlet enthalpy can be controlled solely by controlling inlet 
temperature of the refrigerant. This inlet temperature is set manually by the subcooler valve, and 
varies by less than 20 Fahrenheit during steady state conditions. 
E.4 Accuracy of Measurements 
Presented here is a summary of the information from Nygaard and Pedersen (1995) on the 
accuracy of the measurements for the system. Pressure transducer curves have been rederived 
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using a dead weight tester, because pressure transducers are known to have some "drift" with time. 
Table E.l shows the accuracy of various system measurements. 
Table E.l Accuracy of measurements 
Component Maxunum Error 
Air Pressure Transducers +/- .025" H2O (0-2.5" transducer) 
+/- .05" H2O (0-5" transducer) 
Refrigerant Mass Flow +/- 0.2% of flow rate 
Refrigerant Pressure Transducers +/- 0.3 psi (0-25Opsi transducer) 
+/- 0.6 psi (0-500 psi transducer) 
Thermocouples +/- 0.4° FahrenheIt 
Dew Point Sensor +/- 0.4° FahrenheIt 
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Appendix F 
Airflow Uniformity Effects 
F.1 Nonuniformities Observed in Room Air Conditioner Heat Exchangers 
All of our modeling efforts for heat exchangers have assumed that the air flow is unifonnly 
distributed throughout the heat exchanger, and that each rm will see exactly the same velocity air 
flowing over it. Oearly, this is an idealization, given that the fan is only a few inches behind the 
heat exchanger, and both squirrel-cage fans and standard propeller fans generate quite a lot of non-
uniformities. 
In order to see how nonuniform the airflow actually is in an air conditioner, flow rates were 
measured over the surface of both the condenser and evaporator. Measurements of air flow were 
taken using a turbine flowmeter, held approximately half an inch from the inlet/exit plane of the 
heat exchanger. Measurements were taken along a uniform grid and are graphically shown in 
Figures F.l and F.2. Velocities shown are in ft/min. 
Figure F.l Nonuniformity of condenser airflow 
m 600-800 
11400-600 
11200-400 
00-200 
The condenser has a hub and blade type fan, which the velocity profile clearly shows. There is a 
large dead spot in the center of the heat exchanger, where the hub of the fan is located. The air 
flow pattern is not completely symmetrical because the compressor and accumulator interfere with 
the airflow to the left of the hub as shown in Figure F.l, which is "looking upwind". This 
produces a local area of reduced velocity as compared to the right side of the heat exchanger. 
Velocity varies by more than a factor of three across the entire heat exchanger. 
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Figure F.2 Nonuniformity of evaporator airflow 
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The evaporator suffers from even more nonuniformity than the condenser. This is because the 
evaporator has a squirrel cage type fan, which sucks air in through the center and then blows it 
vertically upward The fan rotates in a counter clockwise fashion when viewed from upwind, as in 
Figure F.2. This means that the air coming in from the right side of the heat exchanger will be 
thrown upwards, towards the top exit plane, while air entering the left side of the heat exchanger 
will be thrown down, with no easy exit available to it. This causes a pressure buildup on the left 
side of the heat exchanger, and consequentially reduces airflow through that section. Air velocity 
can vary by a factor of two over the face area of the heat exchanger. 
Data for Figures F.! and F.2 are presented in Tables F.! and F.2. These were 
measurements on an equally spaced grid for each heat exchanger. 
Table F.! Evaporator Face Velocities in ft/min 
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Table F.2 Condenser Face Velocities in ft/min 
266 356 421 387 353 347 373 371 324 333 481 171 
279 504 515 463 425 448 387 423 407 347 466 450 
234 }47 416 427 342 216 286 367 403 434 ~47 302 
218 225 347 405 288 227 202 333 423 468 376 360 
232 270 288 374 252 157 104 266 423 445 351 347 
243 353 360 369 268 103 137 347 434 443 380 277 
254 374 353 414 360 279 293 457 445 517 333 378 
329 443_ 371 369 414 328 504 626 470 468 439 302 
302 513 333 500 508 421 527 792 535 556 504 421 
F.2 Testing Effects of Nonuniform Airflow 
In order to see what the effects of nonuniform airflow are on heat transfer, a blockage was 
installed into the wind tunnel detailed in Appendix E. The blockage was chosen to be a disk seven 
inches in diameter, in an effort to mimic the blockage pattern witnessed for the condenser. This 
blockage is shown to scale in Figure F.3 
Front View Side View 
Figure F.3 Obstruction of evaporator 
The blockage covers approximately 16% of the evaporator's face area, and was designed to be 
movable towards and away from the face of the evaporator in order to quantify the effects of 
nonuniformity. The first tests conducted were for that of the worst nonuniformity which would 
occur when the obstruction was flat up against the face of the evaporator. Effectively, this reduced 
the face area of the evaporator while increasing the velocity over the other parts of the evaporator 
by 19%. Constant air flow was assured by adjusting the blower motor to provide the same mass 
flow throughout the loop. This means that we were effectively testing the conditions that occur in 
an actual heat exchanger, where the volumetric flow rate is known, but the distribution of air 
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velocities over the coil is non-uniform. In an actual system, if a large leaf or something obstructed 
the heat exchanger, a large drop in performance would be noticed, because the fan would be 
working against a greater pressure drop, and overall air flow rate would decrease significantly. 
Nine of the points previously taken with undisturbed airflow were examined with the 
blockage directly up against the face of the evaporator. Each of these data points showed almost 
no heat transfer effects due to the blockage - having virtually the same heat transfer as the uniform 
airflow case. Because of this, it was deemed unnecessary to move the blockage back to farther 
upstream, since the most extreme condition had produced no measurable effect The results are 
shown in Table F.3. 
Table F.3 Effects of nonuniformity on heat transfer (Btu/hr) 
QevaJ)un!fOnn Qevap nonuniform 
15437 15648 
14806 14867 
16539 16750 
15014 15250 
15985 16247 
15554 15765 
18019 17900 
16710 16795 
17542 17298 
For all of these points, the net change in evaporating capacity was less than 2% of the uniform 
flow capacity - this is approximately the accuracy with which data points can be matched, since 
mass flow can vary by approximately 21bm/hr out of 250, and the other variables increase the total 
heat transfer uncertainty to approximately 2%. For dry coil conditions, it is apparent from this data 
that nonuniform airflow has a negligible effect on heat exchanger performance. 
F.3 Model Predictions 
When modeling the effect of the flow blockage on heat transfer, the way we decided to 
approach it was to remove different percentages of the face area from the evaporator model. Inlet 
conditions were specified as usual, and the effects of loss of face area were observed while holding 
overall air mass flow rate through the evaporator constant. The overall effect of a 15% blockage 
was quite negligible, with the model predicting only a 1% loss in capacity. In fact, even a 50% 
blockage of the face area only led to a 6% loss in predicted capacity. The results of the modeling 
run are shown in Figure F.4. 
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Figure F.4 Loss of heat transfer due to loss of face area 
This predicted loss of heat transfer occurs because the air side heat transfer coefficient is dependent 
on Reynolds number to the .708 power (and thus velocity to the .708 power). When face area is 
reduced by 16% (as in the experiments), the velocity across the rest of the evaporator increases by 
19%. This then causes an increase in heat transfer coefficient of approximately 13% (which can be 
calculated by taking Vnew as 1.19 and raising this to the .708 power). This enhancement of the 
heat transfer coefficient is highly important in the two-phase section of the evaporator, where the 
air side resistance is 80% of the total resistance. This means that a 13% enhancement in heat 
transfer coefficient will make for approximately an 11 % enhancement to overall U. This 
enhancement is working against the loss in useful heat transfer area caused by the loss of area. 
The easiest way to consider this is by assuming that the original heat exchanger had an area of 100 
ft2. The two phase section of the evaporator accounted for 77% of the heat exchanger, or 77 ft2. 
The enhanced heat transfer coefficient arising from increased flow means that for the blockage 
case, the evaporator only needs a two phase area of 68 ft2. Unfortunately, this is out of a reduced 
total area which is now only 84 ft2. This means that the new percentage of useful heat transfer 
area which is two phase has increased to 80% of the available area. The superheated section of the 
evaporator did not gain much from this heat transfer enhancement, because air side resistance is 
extremely small for the superheated section. 
So, although the total area needed for complete two phase heat transfer is smaller (68 ft2), 
the size of the evaporator shrinks a bit faster, meaning that slowly the superheated transition moves 
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downstream (when looked at as a percentage of total evaporator area available), shrinking from 23 
ft2 to 16 ft2 for our example. This movement caused a greater percentage of the heat exchanger 
size to be two phase, replacing a superheated region (42 Btu/hr ft2) with a two phase region (135 
Btu/hr ft2) for a net loss of only 1 % of the total heat transfer. 
There are several possible reasons that the 1 % degradation in heat transfer was not noticed 
in the experimental data, and in fact approximately a 1 % increase in heat transfer was observed 
instead. The main reason is that the 16% of the area which was modeled as "gone" for the 
computer model, is actually still in the evaporator, just not exposed to the air flow. This means 
that this area still has free convection over it (the free convection heat transfer coefficient is 
approximately 6% of the forced convection heat transfer coefficient), and free convection alone will 
counteract approximately 1% of the model's predicted loss of heat transfer. Add to this the fact 
that the air will be moving to a certain extent next to the fins because of the sudden expansion and 
contraction that the flow goes through in the section immediately behind the evaporator, and forced 
convection should enhance this heat transfer to a certain extent. Because the fins and tubes still 
exist, they are also free to conduct heat through both the tubes and fins to an area of the heat 
exchanger which is still exposed to airflow. Thus the fact that a loss in heat transfer was not 
observed for the actual evaporator disturbed test conditions is not very surprising, considering that 
there are these offsetting effects which are not included in the model. 
F.4 Pressure Drop for Nonuniform Airflow 
Because the obstruction increased the velocity of the air flow through the heat exchanger, 
the pressure drop through the open section of the heat exchanger was expected to increase 
proportionally to the square of the 19% velocity increase.. Complicating the issue is the fact that 
the obstruction is placed downstream of the pressure measurements, meaning that the pressure 
drop from the disk will also be included in the measurement. This means that it needs to be 
accounted for when calculating what the new pressure drop should be. 
The overall coil friction factor f can be calculated using Equation F.1, where F/Ae is the 
measured pressure drop across the coil for the initial condition with no disturbance placed into the 
flow. 
Equation F.1 
This overall friction factor was found to have a value close to .1 for all the test conditions. 
It was then used in Equation 3.2, where the total pressure drop is calculated from a simple area-
weighted average of the disk pressure drop, and the pressure drop across the rest of the heat 
exchanger, with the new higher velocity used for the calculation. A value of 1.1 taken from Potter 
and Wiggert (1991) was used for the drag coefficient Co for the disk. 
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F ( ) 1 2 
- = .84f+.16CD -pV dist 
Ae 2 Equation F.2 
This crude model, which assumed that the flow over a disk could be superimposed over that over a 
heat exchanger with no interacting effect, overpredicted the observed pressure drop by about 
100%, as is shown in Table F.4. 
Table F.4 Pressure differential for disturbed flow 
M> undisturbed flow (psi) .1P disturbed calculated (psi) .1P disturbed measured (psi) 
0.0031 0.0124 0.0063 
0.0027 0.0093 0.0046 
0.0040 0.0130 0.0058 
0.0024 0.0092 0.0049 
0.0036 0.0143 0.0065 
0.0024 0.0090 0.0046 
0.0032 0.0129 0.0062 
0.0022 0.0081 0.0042 
0.0050 0.0208 0.0088 
The given value of 1.1 for Co is for a disk in a free stream, while in the experiment, the 
disk is pressed directly up against the heat exchanger. Behind the disk, flow cannot begin to fonn 
a horizontal wake until it exits the heat exchanger several inches downstream. A vertical wake is 
allowed to re-fonn smoothly along the fins, which are probably spaced too close together to allow 
the large scale eddies which comprise a large portion of the pressure drop for a disk in free stream 
flow. This means that the free stream Co given for free flow conditions is probably quite a bit too 
high for the situation we are using it in. A cylinder in airflow with a length to width ratio of 4 has 
a smaller drag coefficient of.9 (potter and Wiggert, 1991), although this is still for a cylinder in a 
free stream air flow. A parameter estimation led to a Co value of .26, quite a bit smaller than the 
free flow value. Use of this value provides a much closer match to measured values, as is shown 
in Table F.5. 
In all cases, over 75% of the incremental pressure drop came from the presence of the disk. 
The fms themselves had an incremental pressure drop increase of approximately 19% (less than the 
average of the squares of the velocity due to the area reduction). When the measured evaporator 
(in the air conditioner system) air flow rates were integrated over the face area, the increase in 
pressure drop was found to be only 4.4% (Bridges and Bullard, 1995). This number is much 
lower than the 19% prediction arrived at for the wind tunnel data for the simple reason that the 
wind tunnel was an extreme case. The complete loss of 16% of the evaporator area drove the 
velocities over the rest of the evaporator up more extremely than is witnessed in a real system, 
because there is still some flow through the low velocity portions of the evaporator (see Figure F.2 
for details). The 4.4% measured is a tiny number in comparison with the other pressure drops 
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which the evaporator fan has to overcome, indicating that airflow nonunifonnities do not add 
significantly to pumping power or decrease fan operation. 
Table F.5 Pressure differential for disturbed flow using calculated Co 
M undisturbed flow (psi) M disturbed calculated (psi) M disturbed measured (psi) 
0.0031 0.0058 0.0063 
0.0027 0.0047 0.0046 
0.0040 0.0068 0.0058 
0.0024 0.0044 0.0049 
0.0036 0.0067 0.0065 
0.0024 0.0043 0.0046 
0.0032 0.0060 0.0062 
0.0022 0.0039 0.0042 
0.0050 0.0095 0.0088 
F.S Wet Conditions Nonuniform Airflow 
To test the effects of nonunifonn airflow on heat transfer and moisture shedding for wet 
coil conditions, the same blockage detailed in section F.2 was used, and 10 data points with 
·disturbed flow were taken and compared to the original undisturbed data. The heat transfer results 
were identical to those observed for dry air test conditions, with a change of 2% or less for all data 
points. Water removal rate fluctuated a bit more, having a larger error of 12% either above or 
below the original undisturbed value. The values observed are shown in Table F.6. 
Table F.6 Effect of nonunifonnity on heat transfer and moisture removal. 
Q undist. Qdisturbed H20 undist. H2O disturbed 
[Btu/hr] [Btu/hr] [lbmlhr] [lbm/hr] 
16756 16536 2.37 2.07 
15358 15270 2.52 2.32 
16655 16721 4.42 4.99 
16428 16248 5.24 5.33 
17198 17137 5.96 6.62 
16999 16837 6.72 6.80 
18295 18113 3.17 3.09 
17707 18098 3.67 3.58 
18494 18358 5.89 5.35 
18406 18717 6.20 5.60 
When modeling these conditions, the same trends were observed as for the dry points. Results of 
the modeling are shown in Figure F.5. The decrease in heat transfer predicted is a bit lower than 
that shown in Figure F.4, but this is because the point chosen has a much higher refrigerant mass 
flow rate. This increases the refrigerant side heat transfer coefficient, which increases the percent 
of total resistance which is dependent on the air side heat transfer coefficient. Because of this, an 
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increase in heat transfer coefficient (such as occurs from the now greater velocity airflow) has a 
greater counterbalancing effect on the decreasing area. 
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Figure F.5 Effect of area blockage on wet-coil heat transfer 
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